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• Implementation of a computational framework for fluid-structure-thermal simulations.
• The fluid-thermal coupling is validated.
• A third of the generated heat is advected with the fluid in the CO2 case, compared to only 
3% for the air case.
• Heat transfer to the stator is similar for both air and CO2 cases.
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Abstract
This paper presents a multi-physics multi-timescale computational framework
for the three-dimensional and two-way coupled fluid-structure-thermal simula-
tion of foil thrust bearings. Individual solvers for the transient fluid flow, struc-
tural deformation, heat conduction and the coupling strategy are discussed.
Next, heat transfer models of the solid structures within foil thrust bearings are
also described in detail. The result is a multi-physics computational framework
that can predict the steady state and dynamic performance of foil thrust bear-
ings. Numerical simulations of foil thrust bearings with air and CO2 are then
performed. It is found that the centrifugal pumping that naturally occurs in
CO2 bearings due to the high fluid density provides a new and effective cooling
mechanism for the CO2 bearing.
Keywords:
Foil Thrust Bearings, Multiphysics Simulation, Supercritical CO2 cycle,
Groove Effect
1. Introduction
The supercritical Carbon Dioxide (sCO2) cycle is considered as a potential
alternative to conventional steam power cycle with the advantages of higher effi-
ciency and compact turbomachinery components [1]. However, many challenges
have to be overcome before this cycle can be realised, as CO2 exhibits different
behaviours when compared to air or steam. The key components of the super-
critical CO2 cycle have been actively studied in recent years [2, 3, 4]. One of the
key components to enable sCO2 turbines and compressors is an efficient bearing
solution. The high rotational speeds and thrust loads, especially at small power
exceed the capabilities of conventional rolling element bearings. An alternative
to these are gas bearings operating with the working fluid. Amongst the foil
bearings are a promising solution. Foil bearings (journal and thrust) were tested
at Sandia National Laboratories as part of a sCO2 loop demonstration. This
Preprint submitted to Tribology International February 9, 2018
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Figure 1: Side view of foil thrust bearings.
demonstrated that foil bearings are more efficient and have a longer life com-
pared to alternative conventional rolling element bearings. Typical bump-type
foil bearings are composed of a top foil and a corrugated bump foil. The top
foil is affixed to the bearing housing or a foil block on the upstream side, and
on the downstream side, it sits at the height of its bump under structure. This
forms a partially ramped profile as indicated in Fig. 1.
The film height (the clearance between rotor and top foil) in the ramp re-
gion can be adjusted by implementing a foil block. The use of foil bearings in
high-speed turbomachinery systems has various advantages compared to rolling
element bearings. The favourable characteristics of foil bearings are improved
reliability, elimination of lubricant oil supply system, operation capability at
very high and low temperatures, improved dynamic characteristics, tolerance to
minor shaft misalignment and external perturbations and the low viscosity of
the gas working fluid resulting in lower power losses [5].
Foil bearings have several limitations. At high speeds, high local temperature
gradients can cause thermal runaway [6]. This is due to the weak conduction rate
of the thin foil structure and low heat capacity of air. The small contact areas
between top foil and bump foils and low heat capacity of air cause a progressive
warm up of the components that leads to thermal distortion and subsequent fail-
ure of the foil bearing. Hence, the temperature distribution within foil bearings
has to be carefully considered during design, particularly for bearings operated
with high rotational speed or high load [7].
Salehi et. al. [8] performed a first study to model and characterise thermal
properties of gas foil journal bearings. The Couette flow approximation for the
fluid within foil thrust bearings was implemented to model the temperature
distribution. This simplified method had a reasonable agreement with exper-
imental data, but with a maximum over-prediction of 19 %. Sim and Kim [9]
presented a thermo-hydrodynamic model that accounted for the thermal contact
resistance between the top foil, bump foil and bearings housing. The mixing
effect between the leading and trailing edges of top foils was also investigated.
The suction flow mixing ratio at the groove region was obtained and then ap-
plied to their model. The detailed mixing model in the groove region is outlined
in Ref. [10]. Their proposed cooling strategy is to radially supply flow into the
mixing zone. The feasibility of the radial injection cooling was experimentally
2
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tested by Shrestha et al. [11]. In addition, the heat conduction behaviour from
the top foil to the back plate via the bump foil was experimentally determined
in Ref. [12].
The aforementioned work is for the thermo-hydrodynamic modelling of foil
journal bearings. Little work has been undertaken to model the temperature
field for foil thrust bearings. The Couette flow approximation used by Salehi
et. al. [8] was also implemented by Gad and Kaneko [13] to predict the tem-
perature distribution for air foil thrust bearings. Lee and Kim [14] conducted a
three-dimensional thermo-hydrodynamic analysis of Raleigh step air foil thrust
bearings with forced cooling air flow and the optimum cooling air pressure was
found based on the reference simulation condition. For air foil thrust bearings,
the influence of temperature rise on the bearing performance is not significant.
San Andre´s and Ryu [15] conducted isothermal simulations which matched well
with the experimental data from Dickman [16].
When considering supercritical CO2 applications, the operating fluid is far
more dense than air, less viscous compared to oil, and highly non-ideal. These
factors present challenges when predicting the performance of foil bearings. This
includes the potential for turbulent flow, highly compressible flow, non-linear
thermodynamic properties and non-negligible centrifugal inertia force due to
high density and high-speed operation. These effects were numerically inves-
tigated by Qin et. al. [17, 2] and it was found that Reynolds equation is not
adequate to model fluid flow of high pressure CO2 foil thrust bearings. Another
challenge for CO2 foil thrust bearings is viscous heating. Due to high speed
operation, turbulent flow regime and reduced heat conducting area through
the bump foil structure, temperatures within foil bearings can be significant,
and exceed the temperature limit of bearing materials. Turbulent thermo-
elastohydrodynamic analyses of hybrid thrust bearings and journal bearings
with CO2 as the operating fluid was conducted by Xu et. al. [18] and Kim [3]. A
high temperature increase is observed in their simulations. A numerical thermo-
elastohydrodynamic analysis of a novel radial foil thrust bearings is reported by
Lee and Kim [14]. At a rotational speed of 50 000 rpm and a load of 200 N,
the maximum temperature rise is approximately 70 K for a case with prescribed
cooling flow. However, for typical foil journal or thrust bearings, there is no
pressure gradient between the inner and outer radii, which results in no forced
cooling flow of the bump foils. Thus the temperature increase in typical foil
bearings, recirculating coolant by natural pumping, can be much higher than
the value reported in Ref. [14].
In addition to modelling challenges for CO2 foil thrust bearings, supercritical
CO2 turbomachinery experiences much higher thrust loads due to high abso-
lute pressure and pressure difference across the turbine and compressor. For
example, a prototype sCO2 turbine-compressor with a compressor diameter of
18 mm, tested by Sandia National Laboratories generated an axial thrust load
of 533 N at the rotational speed of 30 000 rpm [6]. Similarly a prototype 100 kW
turbine concept developed at the authors institute requires a thrust bearing
capacity of greater than 1000 N.
This paper presents a computational framework for the three-dimensional
3
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fluid-structure-thermal simulation of foil thrust bearings. The in-house CFD
code Eilmer [19, 20] is used to simulate fluid flow within foil thrust bearings in
three dimensions. A two dimensional thin plate theory is applied to solve the
structural deformation of the top foil and bump foils are modelled as a spring-
like structure [21]. LaplacianFoam from FOAM-extend-3.0 toolbox is selected
as the heat conduction solver [22].
The paper is organised as follows. First, the basic computational framework
for fluid-structure-thermal simulations is described including the fluid, struc-
tural deformation, and heat conduction solvers. Next, the coupling strategies
between these solvers are introduced. The specific heat transfer model applied
for foil thrust bearings is then detailed. Finally, the fluid-structure-thermal
simulation results for air and CO2 foil thrust bearings are presented.
2. Computational Model
The computational model includes three aspects: fluid, structural deforma-
tion, and heat conduction solvers. The fluid and structural deformation solvers
and its coupling method are described in Ref. [19, 20, 21, 17, 23]. Only the heat
conduction solver LaplacianFoam is explained in this section.
2.1. Heat Conduction Solver
As the fluid solver Eilmer currently is not capable of three-dimensional heat
conduction analysis, the solver LaplacianFoam from the open source CFD tool-
box FOAM-Extend-3.0 [22] is used to model heat conduction within the solid
parts of the foil bearing. The governing equation in LaplacianFoam is,
∂T
∂t
−∇2(DT ·T ) = 0 . (1)
where T is the temperature, t is the time and DT is the thermal diffusivity.
Verification and validation cases for this solver are available as part of the Open-
FOAM distribution [22].
2.2. Coupling Method: Fluid-Thermal
For fluid-thermal interactions, only the steady-state performance of the foil
thrust bearings is of interest due to the large time constant τheat for the heat
conduction problem. Effectively the time it takes for foil bearing components to
adjust temperature is much longer than the time it takes for the foils to change
shape or for fluid properties to adjust. Thus the temperature of the foil bearing
is a function of the quasi steady state performance, rather than high speed
transients (e.g. one per revolution). In this steady state, heat flux between
domains (fluid and solid) and temperature at the fluid-structure interface has
to agree. The condition at the interface, i is mathematically expressed as,
qi,f = qi,s , (2)
Ti,f = Ti,s . (3)
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where q is the heat flux, T is the temperature and subscripts f and s indicate
the interface of fluid and solid domain, respectively. Considering the interfaces,
the flux condition can be expanded as,
qi,f = −λi,f ∂T
∂n
∣∣∣∣
i,f
· ni = qi,s = −λi,s ∂T
∂n
∣∣∣∣
i,s
· ni (4)
where λ is thermal conductivity. The spatial derivative ∂T∂n
∣∣
i,f
in the fluid
domain is approximated using a one-sided difference between the wall-adjacent
cell centre temperature and the interface temperature for laminar flow. For
turbulent simulations with wall functions, the heat flux qi,f is extracted directly
from the wall function.
Since only the steady state of the foil thrust bearings is of interest, a weak
coupling strategy is used for the fluid-thermal simulations. Relaxation at each
iteration is necessary to increase the stability of the numerical scheme. A simple
relaxation strategy is given by,
Tk+1i,f = T
k
i,f + β f
k
i,s , (5)
where β is the under-relaxation factor and k is the index of the iteration loop.
During the iteration loop k, a nonlinear operation is applied to the input vector
Tki,f generating an output vector T
k
i,s of the same size. The residual vector is
defined as fki,s = T
k
i,s − Tki,f . Typically β is set to a constant between 0 and
1. This relaxation factor is consistent for each cell but can be different for each
fluid-thermal iteration loop.
An optimal value of the relaxation factor can be selected for each iteration.
Different dynamic relaxation techniques are reported in literature. In this study,
we use the variant of vector Aitken 42 method formulated in Ref. [24]. This
algorithm starts with a known sequence of two input/output pairs of vectors
and calculates the optimum relaxation parameter as,
βk = βk−1 + βk−1
∆fk
T
fk
‖ fk ‖22
, (6)
where the residual difference vector is ∆fk = fk−1 − fk . The first iteration is
carried out using a pre-selected relaxation constant β0. This method is straight-
forward to implement, needs minimum processor and storage resources, and only
takes a single residual evaluation per iteration. The entire fluid thermal coupling
procedure is:
1. The fluid domain is solved by Eilmer with an imposed initial temperature
Tki,f until an equilibrium fluid state is achieved;
2. Heat flux q at the fluid-solid interfaces in Eilmer is evaluated. The tem-
perature gradient at the solid side is calculated based on the continuity of
heat flux across the fluid-structure boundary (Eqn. 4);
3. The temperature gradient is taken as the boundary condition for the heat
conduction analysis. The temperature distribution in the solid domain is
solved with LaplacianFoam until convergence;
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Figure 2: Schematic diagram for conjugate Couette flow.
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Figure 3: Comparison of temperature distribution between fluid-thermal simula-
tion and analytical solution.
4. The surface temperature Tki,s at the interfaces from LaplacianFoam is ex-
tracted. The new Tki,f , as the boundary condition for Eilmer is calculated
using Eqn. 5;
5. Repeat steps 1-4 using the new Tki,f until convergence.
For air foil thrust bearings, it typically takes 60 iteration loops to obtain a
converged solution. 30 loops are usually sufficient for CO2 foil thrust bearings.
The overall computational time is approximately 10-15 days using 12 Intel Xeon
E5-2680V3 2.5 GHz CPUs determined by CFL conditions. Two validation cases
for the proposed fluid-thermal coupling method are discussed next.
2.2.1. Conjugate Couette Flow
The first validation case is conjugate Couette flow in a parallel plate channel,
a typical shear driven flow for conjugate heat transfer analysis. The schematic
diagram for this case is depicted in Fig. 2 with a fluid between a hot upper
wall with temperature T0 that moves at a constant velocity and a stationary
conducting solid at the bottom. The side of the conducting solid away from the
fluid is maintained at a constant temperature T1. The solid part has a height
of 0.25 m, while the height of the fluid domain is 0.5 m.
The computed solutions are compared with the respective solutions [25] in
Fig. 3. This shows excellent agreement with the analytical solutions for two
conducting ratios, K = λs/λf . The relative error between numerical results
and analytical solution is less than 0.04 %.
2.2.2. Conjugate Nozzle Flow
This test case validates turbulent conjugate heat transfer. The supersonic
flow inside a cooled axisymmetric convergent divergent nozzle is investigated.
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Figure 4: Boundary conditions for conjugate nozzle flow, coloured by tempera-
ture.
The analysis is based on the experimental data reported by Back et al. [26]. The
test nozzle is axisymmetric, has a throat diameter of 0.0458 m, and contraction
area ratio of 7.75:1, an expansion area ratio of 2.68:1, a convergent half-angle of
30◦, and a divergent half-angle of 15◦ as shown in Fig. 4. The detailed geometry
and operating condition are available in Ref. [27, 28].
The temperature distribution for the outer wall of the nozzle measured dur-
ing the experiment is shown in Fig. 5(a). This is used as the nonuniform temper-
ature boundary for the outer wall in the numerical simulation. The uncertainty
on the temperature measurements is approximately 2 % [26]. The inflow condi-
tion for this axisymmetric nozzle is, T0=843.3 K and p0=517.1 kPa.
This case of conjugate nozzle flow has previously been simulated by Marineau
et al. [28] and Liu et al. [29]. The wall material was not specified by Back et
al. [26], however the thermal conductivity of the material, λs, can be determined
from the temperature gradient and the heat flux provided by Back et al. [26].
Marineau et al. [28] concluded that the thermal conductivity of the nozzle wall
material is approximately 27 W/mK. The conjugate nozzle heat transfer prob-
lem is solved by imposing the temperature profile shown Fig. 5(a) along the
outside wall. The temperatures at the solid sides that correspond to the nozzle
inlet and outlet are specified as 299 and 283 K, respectively, as suggested by the
experimental data. The problem was simulated using the fluid thermal coupling
strategy discussed in Section 2.2. The grid was refined until a grid independent
solution was obtained. Turbulence was modelled using the k-ω model without
wall functions. The schematic diagram of the simulation domain is shown in
Fig. 4.
Fig. 5(b) shows the comparison between predicted inner wall temperatures
and experimental data. The predicted wall temperatures are close to the ex-
perimental values. Due to unknown parameters from the experiment, there
are some deviations between numerical results and experiment data, especially
close to the nozzle inlet and exit. This is also reported in Ref. [28, 29] and most
likely due to the solid thermal boundary condition applied to the axial faces.
This further confirms that the suitability of the proposed coupling strategy for
fluid-thermal simulations.
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Figure 5: (a) Temperature distribution along outer wall of nozzle [26], used as the
nonuniform temperature boundary condition for numerical simulation, (b) com-
parison of temperature distribution along inner wall of nozzle between numerical
simulation and experiment [26].
2.3. Coupling Method for Fluid-Structure-Thermal Simulation
The three individual solvers for the current problem (transient fluid flow,
structural deformation and heat conduction) within foil thrust bearings have
been described as well as the individual coupling methods for fluid-thermal sim-
ulations. These approaches have to be coupled for a full fluid-structure-thermal
simulation. The magnitude of the structural deflection is typically in microns,
thus the effect of the deflection is minimal when solving the heat diffusion prob-
lem in the solid. Therefore, the effect of the deformation is not considered when
solving the thermal equations. However the effect of temperature is considered
by the structural solver.
Fluid Structure
Thermal
Heat Flux Temperature
Pressure
Deformation
Figure 6: Schematic diagram for fluid-structure-thermal simulations.
The schematic diagram showing information exchange between the solvers
for the fluid-structure-thermal simulations is shown in Fig. 6. A tight cou-
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Figure 7: Schematic diagram for layout of foil thrust bearings.
pling is implemented between the fluid and structure solvers, as the structural
deformation reacts to the pressure increase in the fluid domain quickly and to al-
low rotordynamic analysis. Transient simulations of the coupled fluid-structure
system, starting from stationary fluid case, have shown that the dynamically
coupled fluid structure system can reach a steady operating point in less than
2 ms. However, as noted prior, the time constants in the heat conduction solver
system are large, usually of the order of minutes. Hence, the temperature field
takes a long time to achieve an equilibrium state. As shown in Ref. [11], it is
experimentally determined that 3000 s is need for a three-pad journal bearings
to reach the thermal equilibrium state. Hence, a weak coupling between the
fluid and heat conduction solvers is selected.
3. Application to Foil Thrust Bearings
In this section, the detailed thermal analysis of a foil thrust bearing is de-
scribed. The layout of a foil thrust bearing in a typical turbomachinery system
is shown in Fig. 7. For the thermal analysis, the simulation domain also includes
the rotor, stator and housing to allow a fluid-structure-thermal simulation of the
foil thrust bearings, while taking account of the surroundings.
3.1. Rotor Model
The computational domain for the rotor is depicted in Fig. 8. It uses a
computational mesh of 64×120×40 cells. Although foil thrust bearings consist of
several sectors (usually 6), only one sector is simulated with a periodic boundary
condition to reduce computational cost. The computational domain for the rotor
is different from that of the thin film. The inner radius extends to the shaft as
shown in Fig. 7 and the outer radius is the same as the fluid domain.
For boundary conditions, the north and south boundaries (shaded surfaces)
are connected with periodic boundary conditions. The bottom boundary (z =
zmin) is modelled as the fluid-solid interface, and the coupling method for fluid-
thermal simulation is used here. As the rotor is spinning, a mixing-plane or
tangentially strip averaged boundary conditions is applied when mapping the
9
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Figure 8: Computational domain for the rotor.
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Figure 9: Computational domain for the stator, (a): Stator in three dimensional,
(b): Stator with top foil removed in three dimensional.
heat flux from fluid domain to the rotor. In this way, heat flux at the fluid
domain is averaged in the tangential direction when passed to the solid interface.
The inner radius is connected with the shaft. Here a fixed temperature equal to
the fluid temperature is set, as the shaft has a comparatively large heat transfer
area. At the outer radius and top (z = zmax) surfaces, convective heat transfer
is imposed. For this purpose the rotor is modelled as a rotating disk exposed
to an infinite quiescent medium. Here, the following empirical correlations for
heat transfer on rotating discs [30] are used.
Nu = 0.33Re0.5 Pr1/3 Re < 1.95× 105 ,
Nu = 10× 10−20Re4 Pr1/3 1.95× 105 < Re < 2.5× 104 , (7)
Nu = 0.0188Re0.8 Pr1/3 Re > 2.5× 105 .
3.2. Stator Model
The computational domain of the stator is shown in Fig. 9. It consists of
top foil, bump foils and housing.
The upper surface of the top foil is the fluid-thermal interface, and the
coupling method for fluid-thermal simulation is implemented at this boundary.
Since the stator is a non-rotating part, and as there is a slight pressure difference
in the radial direction, a natural convective boundary condition is applied at
10
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Figure 10: Schematic diagram of heat transfer from top foil to thrust plate.
the inner and outer radius, within the bump foil channels and on the backside
of the top foil.
For highly loaded foil bearing applications forced convective cooling achieved
by applying a pressure gradient between the bearing inner and outer edge can
be employed to cool the rear of the top foil and bump foil structure. By vary-
ing the pressure gradient to suit the application (rotational speed and load), the
top foil temperature can be controlled. To remove the additional dependency on
pressure gradient and cooling rates, the current study employs natural convec-
tion within the bump channel, rear of top foils, and inner and outer surfaces of
the housing. The heat transfer coefficient is calculated by the method described
in [31],
Nu = 0.36 +
0.518(Fr Pr)1/4
(1 + (0.559/Pr)9/16)4/9
Gr Pr < 109 , (8)
where Gr is the Grashof number, Pr is the Prandtl number, and Nu is the
Nusselt number. However, the presented modelling framework has the flexibility
to incorporate a forced convection model, if required.
In addition, the back surface of the top foil and the stator housing is in ther-
mal and mechanical contact with the bump foils. Fig. 10 illustrates the thermal
resistances at the bump contacts with the top foil and bearing housing. The
bump foils link the top foils, which are heated by the viscous shear in the thin
film, to the bearing housing via these thermal contacts. Thermal contacts are
complicated in nature due to the thermal constriction and spreading of heat flux
lines as well as the random distribution and the unknown boundary condition
of micro-contacts [9]. For nominally flat and rough surfaces, the thermal con-
tact resistance, Rcont, obtained experimentally [12, 14] is given by the following
empirical relationships:
if Pbump <= 0.9
Rcont = (7.115P
4
bump − 16.159P 3bump + 13.08P 2bump − 4.503P 4bump + 1.207)× 10−3 ,
if Pbump > 0.9
Rcont = 0.633× 10−3 , (9)
where Pbump is the local contact pressure expressed in bar. In the present study,
these contact resistances are modelled as additional structures within the foil
11
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Figure 11: Schematic diagram of the additional geometry to account for the
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Figure 12: Schematic diagram of the deflection of the bump foil.
thrust bearings as shown in Fig. 11, which are inserted into computational
model. For these additions, boundaries that are not connected with the top
foil or bump foil or housing are modelled as adiabatic walls. The height of the
additional structure 4y is calculated as,
∆y = λsRcont . (10)
The bump contact area (Acont) between the bump and top foil varies depend-
ing on the applied pressure and is accompanied by beam-like deformation of the
bump foils, as illustrated in Fig. 12. The bump contact area is approximated
using the model shown in Fig. 12. The bump foil deflection σB is obtained from
the fluid-structure simulation. The trigonometric relation shown in Fig. 12 de-
termines the contact distance using the bump arc radius of curvature (RB) and
the calculated bump foil deflection, resulting in a contact width, given by,
∆θ = 2
√
R2B − (R2B − σB)2 . (11)
The resulting computational domain of stator meshed with an in-house tool [32]
incorporating the contact resistances is shown in Fig. 13.
4. Results and Discussion
To assess the relative performance and effects of heat generation on the bear-
ing operating with air and CO2, the bearing is simulated with an axial load of
110 N applied to the rotor. The remaining operating conditions are summarised
in Table 1. The fluid domain is shown in Fig. 14. The computational mesh
12
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Figure 13: Schematic diagram of stator.
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Figure 14: Schematic of fluid domain, z axis magnified by 50.
uses 48×96×15 cells in the radial, tangential and axial direction for the film
section and 48×16×90 cells for the groove. Solutions of the fluid domain were
shown to be grid independent. It is recommended by Bruckner [33, 34] that the
groove between adjacent thrust pads is used for passive thermal control, hence
this part is also modelled. The leading and trailing edges of the domain are
connected with cyclic boundary conditions. The studied bearing geometry is in
accordance with the bearing presented by NASA [35], summarised in Table 1.
Not all data for this geometry is released by NASA. The parameters labelled
with ’a’ are estimated based on the authors experience.
At these operating conditions, the power loss is 47.94 W and 146.51 W for
air and CO2 respectively. The higher loss for CO2 is attributed to this bear-
ing operating in a turbulent flow regime as confirmed by Reynolds number in
Table 1. The corresponding temperature distributions within the fluid, close
to the fluid-structure interface are depicted in Fig. 15 and 16. The rotor tem-
peratures are smeared circumferentially due to the high speed rotor rotation.
The increase in temperature in the radial direction, is due to increase in relative
velocity and outward convection of the fluid. Contrary to this on the stator, a
non-uniform temperature develops, exhibiting colder regions immediately above
the bump foil contacts. This is due to better heat transfer from the rear of the
top foil to the bump foils, compared to natural convection that is applied to the
remainder of the top foil rear surface. The corresponding pressure distribution
13
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Table 1: Geometry and parameters for the foil thrust bearing.
Geometry Value
Number of pads 6
Outer diameter 101.6 mm
Inner diameter 50.8 mm
Shaft diametera 46 mm
Pad arc extend 30◦
Ramp extend 15◦
Groove extend 15◦
Ramp height 50 µm
Top foil thickness 0.15 mm
Bump foil thickness 0.10 mm
Bump pitches 5.36 mm, 5.19 mm, 4.65 mm, 3.77 mm, 5.90 mm
Material Stainless steel
Rotor thicknessa 16 mm
Stator thicknessa 20 mm
Thermal conductivity 15.4 W/mK
Groove deptha 0.6 mm
Rotational speed 21 000 rpm
Pad area 6080.5 mm2
Operating Condition Value
Working fluid Air and CO2
Air 0.1 MPa and 300 K
CO2 1.4 MPa and 300 K
Rotor-to-stator sep. 10.12µm (air) and 17.82 µm (CO2)
Reynolds number 73 (air) and 3533 (CO2)
Load 110 N
Load per unit area 18.1 kPa
Power loss 47.94 W (air) and 146.51 W (CO2)
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is also plotted in Fig. 17. For the air foil thrust bearing, the pressure increases
from the end of the ramp region and the peak pressure exists at the flat region.
While the peak pressure exists at the edge between the ramp and flat regions
for the CO2 foil thrust bearing, and the pressure then gradually decreases at
the flat region, due to the centrifugal inertia effect [2].
Experimental data for thrust bearing foil temperature distributions are lim-
ited. Furthermore, the thermal boundary condition and structural parameters
of the rotor and stator are generally not provided. These parameters are essen-
tial for the thermal analysis and to thermally anchor simulations [12, 36]. The
available data in literature relates to journal style bearings (for example [7]).
Due to the substantially different rotor and stator shapes and boundary condi-
tions, these only are limited value for thrust bearings. Therefore, verification
and analysis relies on the investigation of energy conservation and flows.
Heat is generated within the thin gas film due to a combination of viscous
shear and compression work on the fluid. This heat, which equals the power
loss, can be removed by the following processes:
1. Advection by the gas being pumped through the film in the radial and
tangential directions, this includes the exchange and replacement of the
fluid in the grooves between discrete pads;
2. Convection into the rotor. Heat conducts through the rotor, either to the
shaft (a fixed temperature boundary) at 300 K or to the rear and outside
surface, where forced convection takes place to an infinite fluid reservoir
at 300 K;
3. Convection into the top foil. From here heat is removed either by natu-
ral convection within the bump foil structure (from top foil, bump foils
and bearing housing) or by conduction into the stator through the bump
foils. Natural convection boundary conditions are set using a bulk fluid
temperature of 300 K.
The net heat flowcharts for air and CO2 are shown in Fig. 15(c) and 16(c).
In both cases the majority of the heat is convected to the rotor (90 % and 67 %
for air and CO2). This is due to good thermal conductivity of the rotor, which
is able to maintain a surface temperature substantially below the stator. Once
heat enters the rotor, the split between conduction to shaft and convection on
the rear surface is substantially different (see relative heat fluxes in Fig. 15
and 16). In the case of CO2, the turbulent flow regime, provides a much higher
heat transfer coefficient (2314 W/m2K) on the rotor outside surface, approxi-
mately 10 times bigger than the corresponding coefficient for air (238 W/m2K).
This high heat transfer coefficient, and corresponding lower surface temperature
highlight the ability of CO2 to provide effective coupling if the rotor operates
in a CO2 environment.
In contrast, the top foil surface reaches a significantly higher temperature
and only a much smaller portion of the heat is convected in this direction. This
is caused by the much higher thermal resistance of the bump foil structure.
This is due to the contact resistance and also small conduction areas within the
bump foils. Considering the split of heat flux downstream of the top foil, it can
15
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Figure 15: Air foil thrust bearings interface temperatures, (a): rotor; (b): stator;
(c): heat flow chart for complete bearing.
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Figure 16: CO2 foil thrust bearings interface temperatures, (a): rotor; (b): stator;
(c): heat flow chart for complete bearing.
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Figure 17: Pressure contour (unit in Pa) at the rotational speed of 21 000 rpm.
be seen that this is similar for air and CO2. The majority of heat ( 88 %) is
conducted into the bearing housing structure. The remainder is convected to the
fluid present within the bump channels. Most convection takes place from the
top foil rear surface ( 9 %), followed by the bump foils ( 2.5 %), and a bit from
the bearing housing surface ( 0.3 %). However, the total amount of removed
energy is low because heat transfer relies on natural convection. The power
splits within the bump channel are consistent with the results from Ref. [12].
A further aspect to consider is advection of heat by the gas in the film and
grooves which is driven by the radial pumping of the bearing within the film
and fluid exchange in the grooves as shown in Fig. 18. The pumping mass
flow rates defined as the amount of fluid replenished within a single pad are
0.004 g/s and 0.155 g/s for air and CO2, respectively. The higher mass flow
rate for CO2 is caused by increased density and centrifugal effects. With the
increased radial mass flow, the CO2 bearing is able to advect a substantially
larger portion of the generated heat. Through this process, the CO2 bearing
is able to remove approximately 30 % of the generated heat, whereas the air
bearing is only capable of removing 3 %. This illustrates the favourable impact
of radial pumping on bearing cooling. The improved fluid exchange in the groove
is shown in Fig. 18, which highlights a much stronger radial transport of the
fluid for the CO2 case.
The foil thrust bearing operating at the rotational speed of 50 000 rpm is
also investigated. The load capacity is 220 N, and the power loss is 260.32 W
and 1335.48 W for air and CO2 respectively. The corresponding temperature
distributions within the fluid, close to the fluid-structure interface are depicted
in Fig. 19 and 20. Due to the increased power loss, the temperature is increased
by almost four-fold for air foil thrust bearings at the low load condition. At
the high rotational speed, the foil thrust bearings is now beneficial with the
increased centrifugal inertia effect, almost 10.42 % of the drag dissipation is
advected by the gas film through the radial direction. Also, the percentage
18
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Figure 18: Comparison of streamline between air and CO2 thrust bearings in the
groove, z axis magnified by 50, (a) air; (b) CO2.
of the heat flow through the rotor and stator is almost the same with air foil
thrust bearings, see in Fig. 15. Again, the increased centrifugal inertia effect
is beneficial for the CO2 foil thrust bearing. 52.5 % of the drag dissipation is
advected at the radial direction. This indicates that the mixing at the groove
region is potential for the effective thermal management for foil thrust bearings.
In future CO2 applications, it is expected that foil thrust bearings will be
required to operate with substantially higher loads due to the substantially
higher operating pressure. While the comparison to air bearings has shown a
favourable cooling performance, in particular due to the advection within in
the film, more substantial cooling improvements will be required to maintain
low, uniform top foil temperatures. A mechanism to achieve this is to force
fluid through the bump channels, for example, by applying a pressure difference
in the radial direction. To provide insight towards this approach, a thermal
investigation was conducted to analyse the effect of increasing heat transfer
coefficient within the bump channels. This has the same effect as adding a
convetive cooling flow. For this analysis, only the stator side is considered. A
uniform heat flux, corresponding to 1 W per pad (164 W/m2), is applied to the
fluid side of the top foil. The resulting distributions of heat flow and maximum
top foil temperature for different convective coefficients are shown in Fig. 21.
The lowest heat transfer coefficient of 5 W/m2K corresponds to the natural
convection coefficient used previously. These data show that increasing heat
transfer in the bump channels is an effective way to extract a larger portion of
the supplied heat directly from the rear of the top foil. The heat transferred to
the fluid in the channel increases almost five-fold. This corresponds to a 39 %
reduction of the maximum top foil temperature as shown in Fig. 21(b). At the
same time, the amount of heat conducted to the bearing housing through the
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Figure 19: Air foil thrust bearings interface temperatures at the rotational speed
of 50 000 rpm, (a): rotor; (b): stator; (c): heat flow chart for complete bearing.
20
M
AN
US
CR
IP
T
 
AC
CE
PT
ED
ACCEPTED MANUSCRIPT
320
360
400
T
300
429
320
360
400
T
300
429
(a) (b)
Drag dissipation
power loss
Rotor
Advection of heat 
by gas lm ow
Stator
Heat conduction
 into shaft
Heat convection into
outside cooling uid
Convection to the channel 
through top foil
Convection to the channel 
through bump foil
Convection to the channel 
through bearing housing
Conduction into bearing 
housing
1335.48 W
100%
607.39 W
45.48%
26.94 W
2.02%
701.15 W
52.5%
150.6 W 24.79%
456.85 W 75.22%
23.88 W 88.64%
2.1 W 7.8%
0.66 W 2.45%
0.3 W 1.11%
CO2 foil thrust bearing
(c)
Figure 20: CO2 foil thrust bearings interface temperatures at the rotational speed
of 50 000 rpm, (a): rotor; (b): stator; (c): heat flow chart for complete bearing.
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Figure 21: Comparison of (a) heat flow and maximum top foil temperature (b)
for different convection coefficients within the bump channels.
bump foils diminishes.
5. Conclusion
In this paper, a computational framework for the fluid- structure-thermal
simulations of foil thrust bearings is presented. Individual solvers and their
coupling strategies are detailed together with validation cases. A detailed de-
scription of the implemented foil bearing heat transfer models is provided.
The numerical tool is used to conduct a comparative study between a foil
thrust bearing of the same geometry operating with air and CO2 . This com-
parison highlights a number of differences in bearing operation, in particular
the heat fluxes and cooling requirements. Key findings are:
1. Power loss and heat generation increases three-fold for the CO2 bearing.
However, due to improved cooling, peak temperatures are maintained be-
low the air case.
2. The CO2 bearing significantly benefits from increased convective cooling
on the rear surface of the rotor. This allows substantially more energy to
be extracted through the rotor.
3. Almost a third of the generated heat is advected with the fluid in the
CO2 case, compared to only 3% for the air case. This effect, caused by
the centrifugal pumping that naturally occurs in CO2 bearings due to the
high fluid density [10, 11], provides a new and effective cooling mechanism
for the CO2 bearing.
4. Heat transfer to the stator is similar for both cases. Here heat flow is
limited due to the high thermal resistance imposed by the bump structure.
Only a comparatively small portion of the heat flux entering the top foil
is extracted via convection to fluid in the bump channels when natural
convection is assumed.
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5. A separate numerical investigation showed that applying force convection
in the bump channels is an effective approach to enhance cooling, which
will be essential for bearings operating at high loads.
This work has provided new insights to the heat flux distribution in foil
bearings, how this is affected by the working fluid, and has identified mechanisms
to enhance this heat transfer.
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